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The work examines the heat exchange characteris­
tics of a condenser in which heat removal of the refrige­
rant condensation occurs due to natural convection 
and radiation cooling. The heat exchanger is designed 
to reduce energy costs for the removal of condensation 
heat. Unlike traditional air cooling condensers, it uses 
radiation cooling, a method of heat removal based on its 
transmission in the form of infrared radiation through 
the planet’s atmosphere into the surrounding outer 
space. A method for calculating the thickness of the 
radiating plate has been developed. To minimize mate­
rial consumption and cost, the distance between the 
tubes is reduced to 40 mm, and the thickness of the alu­
minum radiating plate is reduced to 0.32 mm. The inner 
diameter of the coolant channels is 1 mm.

For the experimental study of the condenser, an 
experimental stand working on R134a refrigerant was 
developed. Theoretical and experimental studies of 
heat transfer have been carried out. The heat trans­
fer coefficient of the heat exchanger, reduced to the 
area of the radiating surface, was from 10.3 ± 1.36 to 
18.7 ± 2.47 W·m–2·°C–1, when the condensation tem­
perature was 12.8...21.9 °С higher than the temperature 
of atmospheric air. The operability of the condenser is 
shown both during the day and at night, in the presence 
of precipitation in the form of rain and snow, and a high 
level of cloudiness.

The material capacity and filling of the refrigerant 
in the condenser are comparable to the characteristics 
of air-cooled condensers with forced air circulation. At 
the same time, it does not consume electricity. It can be 
used in stationary refrigeration systems (in data pro­
cessing centers, commercial refrigeration equipment, 
air conditioners) to increase their energy efficiency
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1. Introduction

Refrigeration systems capable of providing the required 
temperature of the environment in technological equipment 
in refrigerating chambers, buildings and facilities are ex-
panding their use in the modern developing world. They are 
widely used in data processing centers, in the cooling systems 
of shopping centers (supermarkets) and air conditioning.

Refrigeration systems make a significant contribution to 
the overall level of electricity consumption. As it is known, 
available energy resources are limited. However, the number 
of used refrigeration systems continues to grow steadily.  
In this regard, the search for ways to increase their energy 
efficiency is underway.

One of the ways to increase energy efficiency is to reduce 
the energy consumption of individual components of refri
gerating machines. In modern refrigerating machines used at 
the above-mentioned facilities, air cooling condensers with 
forced air circulation are most often used to remove heat to 
the environment. In them, energy is consumed by the electric 

motors of the fan. The power consumption of electric motors 
is usually up to 5 % of the amount of heat removed.

Radiation cooling (further RC) is a method of lowering 
the temperature, based on the removal of heat into the sur-
rounding space in the form of infrared radiation through the 
planet’s atmosphere. Thereby RC, it is possible to increase 
the intensity of heat exchange, as well as obtain a tempera-
ture lower than the air temperature in the surface layer of the 
atmosphere. In recent decades, the possibility of using RC 
has been widely studied. At the same time, the main attention 
was paid to the possibility of direct application of RC for 
cooling the coolant, which takes heat from the cooled object. 
This approach to the use of RC has not received practical 
spread. The main problem of this approach is associated with 
the use of a coolant with a low temperature, due to which the 
heat flow from a unit area of the radiating surface decreases, 
capital costs for the creation of heat exchangers and coolant 
circulation circuits increase.

The use of RC for the direct removal of condensation 
heat without an intermediate heat carrier in refrigerating  
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machines is able to increase the heat flow removed from 
a  unit area of the heat exchange surface without the expen-
diture of electricity and water. Accordingly, with the use 
of RC, it is possible to create more effective condensers of 
refrigerating machines. Therefore, studies devoted to increas-
ing the energy efficiency of capacitors due to the use of the 
combined effect of natural convection and radiation cooling 
are considered relevant.

2. Literature review and problem statement

In work [1], as well as in many other studies, the possibi
lity of using RC directly to maintain the temperature of the 
cooled object was considered. At night, RC was used to lower 
the temperature of the liquid coolant stored in the cold accu-
mulator. During the day, the coolant from the cold accumu-
lator was used to maintain a comfortable air temperature in 
the cooled room. It was established that the heat exchanger 
for transferring heat from the coolant to the environment due 
to radiation cooling and convection (radiator) on average 
removed 60.8 W of heat from 1 m2 of the radiating surface  
per night. Although systems of this type can be used to main-
tain a comfortable air temperature, they are characterized by 
a large material capacity. They require the use of radiators with 
a large area of the radiating surface. The area of the radiating 
surface can be more than 50 % of the area of the cooled room. 
Also, a cold battery is needed to maintain the temperature 
around the clock. The mass of the coolant in the accumulator is 
about 50...200 kg per 1 m2 of the cooled room.

Due to the high cost of the RC system components, va
rious ways of reducing it were considered. Many designs of 
radiators were developed. For example, radiators made of poly-
mer materials were studied [2]. However, the use of such mate-
rials causes a decrease in the efficiency of radiators. Or, in the 
work [3], the possibility of integrating radiators into the roof 
of the building was considered to reduce total capital costs.

Various ways of accumulating cold were also proposed. 
For example, in work [4] it is proposed to place the cold 
accumulator underground. However, despite all the improve-
ments made, RC systems using cold accumulators remain 
expensive and require a lot of space for placement.

The possibility of using air as a coolant supplied directly 
to radiators was also considered [5]. In the second work, 
air was taken from the environment directly through radia
tors [6]. However, at the same time, the volume occupied  
by the refrigeration system increases significantly compared 
to the system in which a liquid coolant is used.

Another approach to reducing the payback period of 
RC systems is related to increasing the duration of their use 
during the year. In [7], a study of the possibility of using RC 
to maintain a low temperature in refrigerating chambers in the 
conditions of a harsh continental climate during the year was 
carried out. However, at low temperatures of the atmospheric 
air, the heat flow removed from the unit area of the radiating 
surface of the radiator is significantly reduced [8]. There are 
also problems with cleaning the radiating surface from snow.

In most cases, it is impossible to maintain the required tem-
perature throughout the year only due to RC. Therefore, RC is 
used together with other methods of cooling (with refrigerating 
machines, evaporative cooling, etc.). For example, the joint use 
of RC and a steam-compressor refrigerating machine is studied 
in [7]. However, the combination of various cooling methods 
increases capital costs for the creation of a cooling system.

In works [9, 10], a variant of using RC for removal of 
condensation heat and supercooling of the refrigerant in  
a vapor-compressor refrigerating machine is proposed. In the 
proposed system, the heat of condensation is transferred to the 
liquid coolant, and the liquid coolant is cooled in the radiator. 
In this case, the radiator has a special coating on the radiating 
surface, which has a selective spectrum of radiation and absorp-
tion (hereinafter «selective coating»). Due to this, the radiator 
can cool the coolant below the ambient temperature even 
during the day. In this case, the coolant temperature should 
be lower than the condensation temperature. The temperature 
of the coolant entering the radiators was approximately 5 °С 
higher than the ambient temperature. At the same time, theo-
retically due to radiation and convection, up to 100 W of heat 
was removed from 1 m2 of the radiating surface. In the study, 
the radiator was also made in such a way that convective heat 
exchange with the environment was limited. In conditions 
when the temperature of the radiator is higher than the ambi-
ent temperature, there is no need to take measures to reduce 
convective heat exchange, as this reduces the total heat flow.

The solution with the supply of an intermediate liquid 
coolant in the radiator in the listed works is usually associa
ted with a decrease in the operating pressure in the radiator. 
But it has the following disadvantages:

1. Energy is spent on the circulation of the coolant.
2. The coolant must have a temperature lower than the 

temperature of the cooled object.
To increase the heat flow from the radiating surface:
1. It will increase the temperature of the radiating sur-

face, since according to the Stefan-Boltzmann law, the 
amount of radiated heat is proportional to the fourth degree 
of temperature.

2. Exclude intermediate circuits for the coolant.
To exclude intermediate coolant circuits, a refrigeration 

system was previously proposed, in which cooling occurs due 
to the natural circulation of the coolant through the radia-
tors [11]. The study showed that such a system can work with-
out consuming electricity. However, due to the low coefficient 
of heat transfer from the coolant to the radiating surface, as 
well as the low temperature of the radiating surface, the radia-
tor dissipated no more than 13.9 W/m2. It was also necessary 
to fill the radiator with a relatively large amount of coolant.

In work [12] a method of cooling is proposed, in which 
RC and convection are used to remove heat coming through 
heat tubes. The presented structure dissipated no more than 
15...20 W/m2 on average per night. The use of a microchannel 
heat tube and an increase in the temperature of the cooled me-
dium above the air temperature by 10 °С in work [13] led to an 
increase in the theoretical heat flux from the radiating surface 
to 250 W/m2. But the proposed cooling scheme can work only 
if the temperature of the cooled object is significantly higher 
than the temperature of the atmospheric air. Accordingly, 
changes in the temperature of the environment can in this 
case affect the temperature of the cooled object, which in some 
cases is undesirable. Also, in this work, the design parameters 
of the heat tube used to transport the coolant to the radiating 
surface are studied in detail. But the structural parameters of 
the radiating surface of the radiator were not investigated.

Traditional condensers of air cooling of finned-tube de-
sign are not designed to remove heat in the form of radiation. 
To increase their efficiency, work was carried out aimed at in-
creasing the coefficients of heat transfer from the refrigerant 
to the tubes and from the fins to the air flow. These works 
led to the creation of minichannel (or microchannel) heat  
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exchangers [14]. In such heat exchangers, the heat transfer 
coefficient reaches 60 W/(m2·K), which allows reducing 
their size [15]. But for this, as in finned-tube condensers,  
a forced supply of air is required due to the consumption of 
electricity. Reducing the size of the channels in such heat 
exchangers leads to increased aerodynamic resistance and 
increased consumption of electricity by the fan motor. Also, 
their use allows in some cases to reduce the required refueling 
of the refrigerant [16].

Taking into account the listed circumstances, in this 
work it is proposed to abandon the use of an intermediate 
coolant and schemes with natural circulation of the refrig-
erant, and to directly feed the refrigerant pumped by the 
compressor into the heat exchanger. Thus, it is proposed to 
create a mini-channel condenser (hereinafter MC), in which 
the removal of the heat of condensation of the refrigerant is 
carried out due to the joint effect of natural convection of air 
and RC. This approach has not been studied before. Accord-
ingly, it is not known whether the technical characteristics of 
such a heat exchanger can be compared with heat exchangers 
of traditional designs. The main disadvantage of the proposed 
solution is the large overall dimensions of the resulting heat 
exchanger, since in this case it is impossible to lay a multi-
layer heat exchange surface, as is done in finned tube heat 
exchangers. Also, the increase in overall dimensions may be 
due to increased filling of the refrigerant. It is also unknown 
how the parameters of the environment will affect its work. 
In particular, it is important to understand whether it will be 
able to remove heat not only at night, but also during the day, 
and whether atmospheric precipitation in the form of rain 
and snow will affect it.

3. The aim and objectives of research

The aim of the study is to identify the features of the 
condensation heat removal process under the combined 
effect of natural air convection and radiation cooling, in 
which a mini-channel condenser was created to increase the 
efficiency of heat transfer to the environment.

To achieve the aim, the following objectives are set:
– on the basis of a theoretical study of heat exchange pro-

cesses, determine the main geometric design dimensions of 
the minichannel condenser and carry out their optimization 
to minimize the cost of the design;

– experimentally investigate the heat transfer coefficient 
of the minichannel condenser under changing environmen-
tal  conditions;

– will compare the characteristics of the minichannel 
condenser with the characteristics of already existing con-
densers of air cooling.

4. Methods of research

4. 1. Design of a minichannel capacitor
To condense the refrigerant, it is suggested to use the MC 

design shown in Fig. 1. It represents a set of parallel copper 
capillary tubes 2, attached to a thin aluminum sheet 4. The 
capillary tubes are soldered to the distribution and collecting 
collectors (1 and 2).

The refrigerant enters the distribution manifold 1. Then 
it is distributed through capillary tubes, where it cools and 
condenses. The liquid refrigerant flows into the collector 3.

 

Fig. 1. MC design: 1 – distribution manifold; 2 – capillary 
tubes; 3 – collecting collector; 4 – radiating plate

The method of attaching the radiating plate to the capil-
lary tubes is shown in Fig. 2. The loops have a width of 5 mm 
and are made with a pitch of 80 mm.

 
Fig. 2. Method of fastening the capillary tube

There is no thermal insulation in this MC. Also, there 
is no transparent screen above the emitting surface. Due to 
these solutions, the convective removal of heat to the en
vironment increases and the material capacity of the struc-
ture decreases.

Theoretical methods for calculating the geometric cha
racteristics of the radiator for given conditions of application 
are presented below.

4. 2. Theoretical methods used to calculate the minichan-
nel capacitor

4. 2. 1. Calculation of the heat flux removed from the 
radiating surface of the minichannel capacitor

The emitting plate MC is a flat metal sheet. Its upper ra
diating surface transmits heat to the environment due to natu
ral convection and radiation, and the lower surface transmits 
heat only due to convection. The heat flux from the radiating 
plate, the length and width of which is 1 m, will be (W/m2):

q q q qSUM CONV.UP CONV.DOWN RAD= + + , 	 (1)

where qCONV.UP – the convective thermal flux from the upper 
side of the radiating plate facing the sky, W/m2; qRAD – the 
heat flux from the upper side of the radiating plate due to 
radiation, W/m2; qCONV.DOWN – convective flow from the 
lower side of the radiating plate, W/m2.
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When calculating, let’s consider that the entire radiating 
plate has the same temperature.

The heat flow, removed due to radiation at night from 
a surface with a normal radiation/absorption spectrum, is 
calculated according to the well-known formula (W/m2):

q t TRAD RAD RAD SKY= ⋅ ⋅ +( ) −



σ ε 273 15

4 4. ,	 (2)

where σ – the Stefan-Boltzmann constant, 5.67·10–8 W·m–2·K–4; 
εRAD – the relative emissivity of the surface. In the calcula-
tions, let’s assume that εRAD = 0.9; tRAD – the temperature of 
the radiating surface, °С; TSKY – conditional (imaginary) sky 
temperature, K.

The conditional temperature of the night sky is calcula
ted according to the formula [17]:

T t CF CFSKY AIR SKY AL CL= +( )⋅ +( ) ⋅273 15
0 25 0 25. ,

. .ε 	 (3)

where tAIR – the temperature of atmospheric air in the surface 
layer, °С; εSKY – the emissivity of the sky; CFAL – the coef
ficient that takes into account the influence of atmospheric 
pressure; CFCL – the coefficient that takes into account the 
influence of cloudiness.

The emissivity of the sky is calculated by the expression:

εSKY
DEW= + ⋅

+





0 787 0 764
273 15

273
. . ln

.
,

t
	 (4)

where tDEW – the dew point temperature of the air in the 
surface layer, °С.

The correction taking into account the influence of atmo-
spheric pressure CFAL and the correction taking into account 
the influence of cloud cover CFCL are calculated according to 
the formulas from work [18].

For a radiating surface with a special optical coating 
with a selective emission/absorption spectrum, the heat flow 
removed due to radiation during the day can be simplified by 
the expression from work [19] based on data [20].

The heat flow removed due to convection qCONV from 
the upper and lower sides of the radiating plate is calcula
ted according to the standard method according to the heat 
transfer coefficient α for natural air convection. At the same 
time, the Nusselt number is determined by the formula [21]:

Nu m d
n

FC Gr= ⋅ ⋅ ⋅( )Pr , 	 (5)

where Gr – the Grashof number; Pr – Prandtl number;  
m, n – the coefficients determined depending on the value of 
the product Gr·Pr according to the table 1; d – the coefficient 
determined depending on the location of the surface in space, 
as well as whether the surface temperature is higher than the 
air temperature. For the case of a surface oriented upwards, 
when its temperature is higher than the air temperature, the 
coefficient d = 1.3. For a surface oriented downward, when its 
surface temperature is higher than air temperature d = 0.7.

Table 1

Values of coefficients for calculating the Nusselt number

Gr·Pr m n

(0.001; 500] 1.18 1/8

(500; 2·107] 0.54 1/4

(2·107; 1·1013] 0.135 1/3

The total coefficient of heat transfer of the radiating plate, 
reduced to the area of the upper radiating surface (W·m–2·°С–1):

αSUM
CONV.UP CONV.DOWN RAD

C AIR

SUM

MC

=
+ +

−
=

q q q
t t

q
tΔ

, 	 (6)

where ΔtMC – the temperature pressure on the minichannel 
condenser, defined as the difference between the condensa-
tion temperature of the refrigerant vapor tC  in MC and the 
temperature of the atmospheric air tAIR, °С.

4. 2. 2. Required diameter of refrigerant tubes
The required diameter of the round tube of the minichan-

nel capacitor (m):

d
q L w

i iP.IN
L

SUM P P= ⋅ ⋅
⋅
′ −







4 0 001

2 3π
ϑ
υ

.
, 	 (7)

where ϑ – the specific volume of refrigerant, m3/kg; υL – the 
optimal speed of movement of the liquid coolant leaving the 
tube, m/s. In this case, its value is 0.5 m/s; LP – tube length, m;  
′i2  and i3 – the enthalpy of the refrigerant at the inlet and 

outlet of the minichannel condenser, kJ/kg.

4. 2. 3. Heat transfer coefficient from the condensing 
refrigerant of the tube wall

The average value of the Nusselt number for the con-
densing refrigerant vapor inside the tubes is calculated using 
the formula for the case of condensation of the moving steam 
flow inside the tube during turbulent condensate flow. At the 
same time, if the diameter of the coolant tube is in the range 
from 0.31 to 3.30 mm, the formula from work [22] is used.

Taking into account the limitations of the method under 
consideration, the initial degree of dryness of the refrigerant 
is x1 = 0.9, and the final degree of dryness is x2 = 0.1. Then,

NuR L L CR= − −29 486 0 258 0 495 0 288. Re Pr ,. . .π 	 (8)

where ReL – the Reynolds number for the liquid refrigerant at 
the outlet of the refrigerant condensation section; PrL – the  
Prandtl number for the liquid refrigerant at the outlet of 
the refrigerant condensation section; πCR – the ratio of the 
saturated vapor pressure of the refrigerant pS to the critical 
pressure of this refrigerant pCR, calculated as πCR = pS/pCR.

For channels with an inner diameter of more than 3.3 mm, 
it is permissible to use the formula from work [23].

The average heat transfer coefficient from the refrigerant 
to the tube wall:

α
λ

R R
L

P.IN

Nu= ⋅
d

, 	 (9)

where λL – the thermal conductivity of the liquid refrige
rant, W·m–1·°С–1; dIN – the internal diameter of the refri
gerant pipeline, m.

4. 2. 4. Determination of the permissible temperature 
change along the length of the radiating surface

The emitting surface of the minichannel capacitor in the 
space between the tubes will have a lower temperature than 
the temperature of the surface directly above the capillary 
tubes. A decrease in the temperature of the radiating sur-
face in the intertube space leads to the fact that less heat is  
released from the radiating surface into the environment.
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The amount of heat that is removed from the radiating 
surface of the radiator can be simplified as:

q tSUM SUM MC= α Δ .	 (10)

If the total heat transfer coefficient αSUM is considered 
constant, then the heat flow depends only on the temperature 
pressure ΔtMC. Let the temperature of the radiating surface 
in the intertube space vary linearly. Then directly above 
the tube it will have a temperature of tPL1, and in the center 
between the tubes tPL2. Let tPL2 = tPL1–ΔtPL, where ΔtPL – the  
change in temperature along the length of the radiating 
surface. Then, the average temperature pressure between the 
radiating surface and the air:

Δ
Δ

t t t
t

MC PL AIR
PL= −( ) −1 2

. 	 (11)

The efficiency coefficient of heat transfer from the radiat-
ing surface MC is determined by the expression:

ηMC

MC

MC.N

=
Δ

Δ
t

t
, 	 (12)

where ΔtMC.N  – the average temperature pressure on the 
radiating surface, determined under the condition that the 
entire radiating surface has the same temperature.

Substituted expression (11) into formula (12), and also 
assumed that t t tPL AIR MC.N1 −( ) ≈ Δ ,  the permissible tempera-
ture change along the length of the radiating surface:

Δ Δt tPL MC.N MC= ⋅ ⋅ −( )2 1 η . 	 (13)

4. 2. 5. Calculation of the thickness of the radiating plate
The emitting surface should have approximately the same 

temperature at all points. To determine the minimum thick-
ness of the radiating plate, at which this condition is fulfilled, 
the heat flow passing through it was considered (Fig. 3).

The amount of heat that passes from the tube through 
section A due to thermal conductivity must be equal to the 
amount of heat that passes through part of the radiating sur-
face of the plate located to the right of section A. Therefore, 
with a linear temperature change along x, the thickness of  
the radiating plate ΔPL in section A (m):

δ
λ λPL

SUM A P A

A PL

SUM P P A

PL PL

=
⋅ ⋅ −( )

⋅
=

⋅ ⋅ −( )
⋅

q x w x

t

q w w x

t

0 5 0 5

2

. .
,

Δ Δ
	(14)

where xA – the distance from the left edge of the plate to the 
section under consideration, m; λPL – thermal conductivity 
coefficient of the plate material, W·m–1·°С–1; ΔPL – the plate 
thickness in section A, m; where ΔtA – the temperature change 
between the left edge of the radiating plate and section A.

 

a

b

Fig. 3. Scheme for calculating the heat flow 	
through the radiating plate: a – graph of temperature 	

change along the length of the radiating plate; 	
b – dimensions of the radiating plate; 	
1 – radiating plate; 2 – capillary tube

After taking xA = 0, the formula for calculating the re-
quired thickness of the radiating plate near the capillary 
tube (m) is obtained:

δ
λPL

SUM

PL

P

PL

= ⋅
q

t
w

Δ

2

4
.	 (15)

4. 2. 6. Calculation of the wrap angle of the tube
The amount of heat that passes through the contact sur-

face of the tube and the radiating plate must be equal to the 
amount of heat transferred from the radiating surface to the 
environment. The thermal resistance of the tube wall and the 
gap between the contact surfaces must be low enough so that 
the temperature of the radiating plate does not fall signifi-
cantly below the coolant temperature.

The amount of heat transferred from one tube, 1 m long, 
to the radiating surface (W) through the contact surface C is 
determined by the thermal resistance of the tube wall RP and 
the thermal resistance of the gap RC (Fig. 4). In this case, the 
thermal resistance of the gap depends on the contact area FC 
between the tube and the radiating plate. 

a b

Fig. 4. Scheme for calculating the heat flux in the condenser: a – cross section of one tube; b – one-dimensional scheme 	
for calculating the heat transfer coefficient; PL – radiating plate; P – tube for refrigerant; C – gap filler
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Therefore, the minimum angle of coverage of the tube 
by the radiating surface γMIN (°) for the transmission of  
a given amount of heat qSUM with a known allowable tem-
perature change Δt2:

γ
λ

λ π λ
MIN

P SUM P P PL

P.OUT C P P SUM

=
⋅ ⋅ ⋅ ⋅ +( )

⋅ ⋅ ⋅ ⋅ − ⋅ ⋅

360

2 2

w q

d t w q

Δ Δ

Δ ln
dd
d
P.OUT

P.IN

















, 	(16)

where ΔC – the average gap between the contact surfaces, m;  
λC – thermal conductivity of the material filling the gap, 
W·m–1·°С–1; λP – thermal conductivity of the tube mate
rial, W·m–1·°С–1; ΔP – copper tube surface roughness, 2·10–6 m; 
ΔPL – surface roughness of aluminum sheet, 6·10–5 m; Δt2 – al-
lowable temperature change between the inner surface of the 
tube, washed by the refrigerant, and the surface of the radiat-
ing plate above the tube, °С; dP.OUT and dP.IN – the outer and 
inner diameters of the tube, m.

4. 2. 7. Heat transfer coefficient of minichannel condenser
The calculation of the heat transfer coefficient was car-

ried out on the basis of the methodology proposed in [24]. 
Consideration of the heat flow transmitted from the refrige
rant condensing in one tube to the environment showed the 
following (Fig. 4). The heat flux transferred from the refri
gerant to the tube wall is equal to the amount of heat passing 
through all elements of the minichannel condenser and is 
equal to the heat flux removed from the radiating surface. 
Then the heat flux transmitted from the radiating plate with 
a length and width of 1 m (W/m2):

q
k
w

t t k tSUM
P

P
HTL AIR MC MC= ⋅ −( ) = ⋅ Δ , 	 (17)

where kMC = kP/wP – the heat transfer coefficient of the 
minichannel condenser, reduced to the area of the radiating 
surface, W·m–2·°С–1; tHTL – the temperature of the substance 
fed into the tube, °С.

In the formula above, the heat transfer coefficient of the 
tube is calculated as:

k

w k w k F k F

P

SUM P PL P C C WP R P.IN

=

⋅
+

⋅
+

⋅
+ +

⋅










1

1 1 1 1 1
α α

. 	 (18)

Here,

F dP.IN P.IN= ⋅π ; 	 (19)

k
d
d

WP
P

P.OUT

P.IN

=






2πλ

ln

; 	 (20)

kC
C

C

=
λ
δ

;	 (21)

kPL
PL

PL

=
λ
δ

;	 (22)

F dC P.OUT= ⋅ ⋅
γ

π
360

,	 (23)

where γ – the angle of coverage of the tube by the radiat-
ing  surface.

4. 2. 8. Calculation of material consumption and cost of 
materials of a minichannel condenser

Mass of 1 m2 of radiant plate without refrigerant charge:

m m m mMC P PL THP= + + , 	 (24)

where mP – the mass of MC tubes per 1 m2 of radiating sur-
face, kg/m2; mPL – the mass of the MC radiating plate, kg/m2; 
mTHP – the mass of thermal paste, kg/m2.

Mass of thermal paste (kg/m2):

m d
W
wTHP

P PL
P.OUT

P
THP=

+( )
⋅ ⋅ ⋅ ⋅ ⋅

Δ Δ
2 360

γ
π ρ , 	 (25)

where ρTHP – the thermal paste density, kg/m3; W – MC 
width, m. The cost of materials for 1 m2 of minichannel con
denser (USD/m2):

CS CS CS
w

CS CSMC PL P
P

THP SC= + ⋅ + +
1

, 	 (26)

where CSPL – the cost of the radiating plate, USD/m2; USD; 
CSP – the cost of tubes, USD; CSTHP – the cost of thermal 
paste, USD/m2; CSSC – the cost of selective coating of the 
radiating surface of a minichannel capacitor, USD/m2.

The cost of 1 m2 of the radiating plate of the CSPL minichan-
nel capacitor and the cost of the CSTHP thermal paste are cal
culated based on their mass.

For tubes, their cost linearly depends on the diameter.  
So, taking into account the retail prices available in the city 
of Almaty, the cost of 1 m of copper capillary tube is deter-
mined by the expression (USD/m):

CS dP P.IN= ⋅ +404 8 0 35. . , 	 (27)

where dP.IN – the inner diameter of the capillary tube, m.

4. 2. 9. Amount of refrigerant in the mini-channel condenser
Refrigerant mass in MC (kg):

m
W L

w
d dR L V

P
P.IN CL.IN= ⋅ +( )⋅

⋅
+







π
ρ ρ

4
0 5 2 2.

, 	 (28)

where ρL – the density of the liquid refrigerant at pressure  
in the MC, kg/m3; ρV – the density of the vaporous refrige
rant at pressure in the MC, kg/m3; dP.IN – the internal diame
ter of capillary tubes for refrigerant, m; dCL.IN – the internal 
diameter of the distribution and collection manifold for the 
refrigerant, m.

4. 3. Method of experimental study of heat transfer in  
a minichannel condenser

4. 3. 1. Design of the experimental stand
To study the characteristics of MC, an experimental 

stand was developed (Fig. 5). It is a conventional single-stage 
vapor compressor refrigeration machine. However, it uses an 
MC as a heat exchanger to condense the refrigerant.

The evaporator is a heat exchanger made of two coaxial 
copper tubes 3/8» (9.52 mm) and 1/2» (12.5 mm). The refri
gerant is supplied to the annular space. The length of the tubes 
is 800 mm. Outside, the evaporator is thermally insulated with 
18 mm thick rubber foam. A TEH tubular resistance heater is 
inserted into the inner tube of the evaporator. It creates a ther-
mal load. Electrical resistance TEH is 24.6 ± 0.5 ohm at +20 °C. 
The TEH diameter is 8.5 mm. Its rated power is 400 watts.
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The power of TEH is regulated by changing the sup-
ply voltage. For this, a laboratory autotransformer Matrix 
TDGC-1 (China) is used. The power consumed by TEH is 
measured at the input of a laboratory autotransformer using 
an Orman SOAP-E717-TX electricity meter (Kazakhstan). 
Active power measurement accuracy class – 1 according to 
GOST R 52322-2005. Relative error when measuring power 
consumption <5 %. Measurement error ± 5 W. Let’s neglect 
power losses in the laboratory autotransformer.

The experimental bench uses a hermetic piston com-
pressor Embraco EG130HLR (Brazil). The piston volume 
is 10.61 cm3. According to the manufacturer, the compressor 
has a cooling capacity of 343 W at a condensing temperature 
of +35 °С and an evaporating temperature of –20 °С (Test 
Condition: EN12900LBP, Return Gas 20 °С, Subcooling 0 °С). 
Lubricant POE ISO22, 230 ml.

To regulate the supply of refrigerant to the evaporator, 
a mechanical expansion valve TXV Danfoss T2 (Denmark), 
(code 068Z3346) with valve assembly No. 00 (code 068-2003) 
is used.

When the supply voltage is increased, the TEH TXV 
increases the refrigerant flow to the evaporator. In this way, 
the cooling capacity and the heat output transmitted to the 
MC are regulated.

When pump P is turned on, heat exchanger HE1 cools 
the superheated refrigerant vapor leaving compressor CM. 
By switching on/off the fan F while the pump P is on, the 
temperature of the water, and therefore the temperature of 
the refrigerant entering the radiator, is controlled.

The HE1 heat exchanger is a tube-in-tube design made 
of copper tubes with countercurrent flow. The refrigerant 
is supplied to the inner tube, and the water to the annulus.  
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Fig. 5. Experimental stand: a – appearance; b – appearance of the minichannel capacitor; c – hydraulic diagram with 
temperature sensor placement points; BV1, BV2 – ball valves; CM – compressor; E – evaporator; F – fan; FD – filter-drier; 

HE1 – liquid cooling heat exchanger; HE2 – air cooled heat exchanger; kW – electric meter; LA – liquid accumulator; 	
LS – liquid separator; MC – minichannel capacitor; P – pump; PI – manometer; R – receiver; RV – Rotalok vlve; 	
S – solenoid valve; SV1…SV4 – service fittings; TA – laboratory autotransformer; TEH – tubular electric heater; 	

TI – thermometers; TS – thermostat; TXV – thermal expansion valve
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The inner tube diameter is 1/4» (6.35 mm) and the outer 
tube is 3/8» (9.52 mm). The heat exchanger consists of two 
consecutive sections. The first section has a length of 576 mm,  
and the second 286 mm. The area of the heat exchange 
surface of the 1st section is 0.0115 m2, and the 2nd section 
is 0.0057 m2. The total area of the heat exchange surface  
is 0.0172 m2. Water is supplied to this heat exchanger by 
a pump P from a liquid accumulator LA. The volume of water 
in the liquid accumulator LA and all piping is 3 liters. The 
used pump DC40E-1250 (China) with a power of 13.2 W,  
a maximum coolant flow rate of 8.3 l/min and a head of 5 m. 
surface 1.53 m2.

An LS liquid separator is installed at the compressor inlet 
to protect the compressor from liquid refrigerant. Model of 
liquid separator is GVN SLA 5/8 (Turkey).

A container with an internal volume of 2.5 liters is used as 
a linear receiver. The filter drier Blue BLR/EK-053 (China) 
is installed at the outlet of the receiver. The solenoid valve 
Castel SV-1068/4 (Italy) is also installed on the liquid pipeline. 
The experimental bench is charged with Sanmei R134a re-
frigerant (China).

The experimental stand used a microchannel capacitor, 
the design of which is shown in Fig. 1. At the same time, its 
design parameters are as follows. The inner diameter dP.IN of the 
capillary tubes is 1 mm. Pitch between tubes wP = 40 mm. The 
suction and distribution manifolds are made of 3/8″ (9.52 mm) 
copper tube. The length of the radiating surface is 2 m, the width 
is 1 m. The thickness of the radiating plate is ΔPL1 = 0.8 mm.

The radiating surface is painted with gray glyptal primer 
GF-21 to increase the relative emissivity.

The experimental stand is designed to operate at the boil-
ing temperature t0 = –25…–10 °С; condensing temperatures 
tc = +20…+50 °С; when changing the cooling capacity from 
70 to 400 W. In this case, the generated thermal load on the 
MC can be from 50 to 250 W/m2.

Dallas Instruments DS18B20 sensors (China) with an 
error of ± 0.5 °С (within –10…+85 °С) were used for tempera-
ture measurement. Boiling pressure (PI1) was measured using  
a P&M 68 mechanical pressure gauge (China), measuring 
range –1…+15 bar, error ± 0.1 bar. To measure the condensation 
pressure (PI2), a mechanical pressure gauge P&M 68 (China) 
was used, measuring range 0…+34 bar, error ± 0.2 bar.

To measure the voltage in the external power supply, as 
well as to measure the power supply voltage TEH at the 
output of the autotransformer, a UNI-T UT50C voltmeter 
was used, the measurement range was 0…750 V, the error  
was ± 5.5 V.

The experimental stand is placed inside a heated room. 
The MC is located outdoors on the north side of the building 
in such a way that sunlight does not hit the radiating surface. 
The radiating surface MC is oriented in the north direction 
and has a slope of 10° to the horizontal plane. The MC is 
attached to a profiled sheet canopy 1 m above the ground.

The experimental stand is located in Almaty, Republic of 
Kazakhstan (43°15′N, 76°51′E).

4. 3. 2. Determination of the heat transfer coefficient
To calculate the heat flux transferred to the MC and its 

heat transfer coefficient based on the data obtained from the 
experimental bench, the following method was used.

The boiling point of the refrigerant t0 is determined by 
the pressure gauge PI1 on the basis of reference data on the 
saturated vapors of the refrigerant. The condensing tempera-
ture tC is determined from the PI2 pressure gauge:

t f p0 0= ( ), 	 (29)

t f pC C= ( ). 	 (30)

The thermodynamic properties of the refrigerant were 
calculated using the CoolProp 6.1 module [25] for Microsoft 
Excel running in the Microsoft Windows 7 operating system.

The thermal power released by TEH is determined di-
rectly from the readings of the wattmeter built into the kW 
meter, as well as from the formula:

Q
U
RTEH

TEH

TEH

=
2

, 	 (31)

where UTEH – TEH, supply voltages V; RTEH – TEH electri-
cal resistance, Ohm.

Heat gain to the refrigerant in the evaporator from atmo-
spheric air through thermal insulation (W):

Q k t tE E IN= −( )0 , 	 (32)

where kE – the heat transfer coefficient of the heat-insulating 
casing of the evaporator, W/m2. For the existing evaporator 
design, its value does not exceed 0.32 W·°С–1; tIN – the air 
temperature in the room where the experimental stand is 
located, °С; t0 – the boiling point of the refrigerant in the 
evaporator, °С.

Cooling capacity (W):

Q Q Q0 TEH E= + . 	 (33)

The relative error in determining the cooling capacity 
under given conditions using the indicated measuring instru-
ments does not exceed 2.2 %.

The refrigerant inlet i3 (kJ) and outlet i1 (kJ) enthal
pies of the evaporator are determined based on evaporating 
pressure, condensing pressure, TI3 and TI1 thermometer 
temperatures:

i f t p1 1 0= ( ), , 	 (34)

i f t p4 3= ( ), .C 	 (35)

Mass flow of refrigerant (kg/s):

G
Q

i iR =
⋅

−
0 001 0

1 4

.
. 	 (36)

Refrigerant enthalpy at the inlet and outlet of the radia-
tor (kJ/kg):

i f t pS2S C= ( )2 , , 	 (37)

i f t pS3S C= ( )3 , . 	 (38)

Thermal power dissipated by MC (W):

Q i i GMC S S R= ⋅ −( )⋅1 000 2 3, . 	 (39)

The relative error in determining the thermal power does 
not exceed 3.4 % when using the measuring instruments 
indicated above.

The heat transfer coefficient of the radiator, referred to 
the area of the radiating surface (W·°С–1·m2):
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k
Q

A t tMC
MC

MC C OUT

=
−( ) , 	 (40)

where tOUT – the atmospheric air temperature in the surface 
layer, °С.

The relative error in determining the heat transfer coeffi-
cient by the given method is no more than 13.2 %.

The sequence of measurements is as follows. Compres-
sor CM and heater TEH were switched on at the set time. 
Also, in some experiments, pump P was turned on. Then the 
compressor worked for 15 minutes until all parameters of the 
refrigeration cycle stabilized. Temperatures and pressures 
were recorded for 45 minutes. For each moment of time, the 
parameters were calculated using formulas (29)–(40). Next, 
the values of each parameter were averaged over a specified 
time interval.

5. Results of experimental and theoretical studies of heat 
transfer processes in a minichannel condenser

5. 1. Calculation of the design parameters of a minichan-
nel capacitor

5. 1. 1. Heat transfer from the surface of a minichannel 
condenser

The calculation of the total heat transfer coefficient from 
the MC radiating plate according to (6) was carried out.  
It is assumed in the calculations that the temperature of the 
atmospheric air is in the range from +5 to +35 °С, there is no 
cloudiness, there is no wind, the relative humidity of the air 
is 40 %, the MC is located at sea level (atmospheric pressure  
is 1 Bar). Since the MC may differ in the type of coating of 

the radiating plate, it may work in the daytime or at night, 
and it may also be thermally insulated from below, the cal-
culations were carried out for different scenarios presented 
in Table 2. In all scenarios, it was assumed that the MC was 
not exposed to direct sunlight.

From Fig. 6, a, it can be seen that an increase in the tem-
perature difference tMC leads to an increase in the heat flux 
from 1 m2 of the radiating plate. At a temperature difference 
tMC of 15 °С, without taking into account radiation from 
the upper and lower sides, a maximum of qSUM0 = 126 W/m2 
was assigned; during heat exchange due to radiation and 
convection, qSUM1 = 224 W/m2 was removed only from the 
upper side of the radiating plate; during heat exchange due to 
radiation and convection, qSUM2 = 268.4 W/m2 was removed 
from the upper and lower sides of the radiating plate. From 
this it is possible to conclude that radiative cooling in a given 
temperature regime makes a significant contribution to the 
amount of heat removed.

It is also worth noting that the use of the lower surface of the 
radiating plate increases the heat flux by no more than 19.8 %. 
Thus, the radiator can be mounted directly on the roof and 
thermally insulated from below.

In the daytime, even a radiant surface without a selective 
coating, if it was not exposed to sunlight, removed heat in 
the form of radiation. The maximum possible amount of heat 
removed by radiation can be estimated in this case using the 
standard method for calculating heat transfer between two 
parallel plates. In this case, the temperature of the first plate 
was equal to the temperature of the condensation of the re-
frigerant, and the temperature of the second plate was equal 
to the temperature of the atmospheric air. The calculation 
under these conditions is presented in scenario 3.

Table 2
Parameters to consider for different heat transfer scenarios

Sce-
nario

Parameters taken into account

ExplanationConvection
Radiation

above below

0 Yes Yes No at any time of the day, no thermal insulation from below, no heat exchange by radiation

1 Yes No According to the formula (2) night, there is thermal insulation from below, ordinary color of the radiating surface

2 Yes Yes According to the formula (2) night, no thermal insulation from below, ordinary color of the radiating surface

3 Yes Yes According to the Stefan-Boltzmann law day, no thermal insulation from below, ordinary color of the radiating surface

4 Yes No According to the formula from [19] day, there is thermal insulation from below, selective coating

5 Yes Yes According to the formula from [19] day, no thermal insulation from below, selective coating
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Fig. 6. Heat transfer from the radiant plate of a minichannel condenser in scenarios 0, 1, 2, 3 depending 	
on the temperature difference ΔtMC: a – heat flux; b – total heat transfer coefficient
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As can be seen from Fig. 6, a, at the same temperature 
difference under the combined action of radiation and con-
vection, the radiating plate removed a greater amount of heat 
with an increase in the temperature of atmospheric air in sce-
narios 1, 2, and 3. Nevertheless, the effect of air temperature 
is small, and for practical purposes, it is possible to neglect 
change in ambient air temperature and take into account 
only the temperature difference on the condenser.

The total heat transfer coefficient due to convective and 
radiative heat transfer, calculated according to (6), is shown 
in Fig. 6, b. With a temperature difference from 10 to 50 °С in 
Scenario 1, the total heat transfer coefficient at night chan- 
ged insignificantly and averaged αSUM1 = 15.6 W(m2·°С). 
The use of the lower side of the radiating plate in scenario 2 
made it possible to increase the heat transfer coefficient to 
αSUM2 = 19.0 W(m2·°С).When using only convective heat 
exchange in scenario 0 from the upper and lower sides of the 
radiant plate αSUM0 = 8.5 W/(m2·°С).

Similar calculations were carried out for daytime condi-
tions using a coating of the radiating surface with a selective 
emission/absorption spectrum (scenarios 4 and 5).

With a temperature difference ΔtMC of 15 °С and an 
atmospheric air temperature of +5 °С, qSUM4 = 142.2 W/m2 
was discharged from the radiating surface of the MC with  
a selective coating in the daytime, and at an atmospheric air 
temperature of +35 °С qSUM1 = 190.7 W/m2 (i.e. 34 % more).

The total heat transfer coefficient due to convective and 
radiative heat transfer, calculated according to (6), is shown 
in Fig. 7, b. In the specified range of atmospheric air tem-
peratures and at a temperature difference of 15 °С, the heat 
transfer coefficient averaged qSUM4 = 11.0 W/(m2·°С). When 
using the lower surface for heat removal, the heat transfer 
coefficient increases on average to qSUM5 = 14.5 W/(m2·°С).

Table 3 shows the values of heat transfer coefficients for 
various considered MC application scenarios.

For MC without selective heat transfer coating and on 
the top and bottom side of the radiant plate, the heat trans-
fer coefficient had a value in the range between scenario 0 
and scenario 3 calculation. For a more accurate calculation,  
it is necessary to take into account scattered sunlight, which  
is beyond the scope of this study.

5. 1. 2. Permissible temperature change along the length 
of the radiating surface of the minichannel capacitor

Based on (13), the allowable change in the temperature of 
the MC radiating surface is calculated. Let the amount of heat 
removed from the radiating surface of a given MC be at least 
95 % of the amount of heat removed from the surface of an 
MC with the same temperature at all points. The average tem-
perature difference on the radiating surface between the con-
densing refrigerant and atmospheric air ΔtMC.N  for an ordinary 
refrigeration machine should be 15 °С. Then ΔtPL C.= °1 5.

5. 1. 3. Required radiant plate thickness
The MC radiating plate is made of aluminium. The calcu-

lation of the thickness of the radiating plate according to (15) 
at qSUM = 250 W/m2 and ΔtPL = 1.5 °С showed that a decrease 
in the annular distance from 0.1 m to 0.05 m led to a decrease 
in the thickness of the radiating plate from 2 mm to 0.5 mm.

5. 1. 4. Material consumption and cost of a minichannel 
capacitor

The result of calculating the mass of 1 m2 of the radiating 
surface, as well as the estimated cost of the materials used, 
are shown in Fig. 8. When calculating, it was taken into 
account that the capillary tubes have an inner diameter of 
at least 0.65 mm.
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Fig. 8. MC characteristics depending 	
on the distance between the tubes: 	

1 – mass of 1 m2 of the radiating surface; 
2 – estimated cost of materials

Taking the pitch between the tubes equal 
to 0.04 m, let’s obtain the main parameters of 
the minichannel condenser (Table 4).
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Fig. 7. Heat transfer from the MC radiating surface with a selective coating 	
in scenarios 4 and 5 depending on the temperature difference MC: а – heat flux; 

b – the total heat transfer coefficient from the radiating surface

Table 3
Total heat transfer coefficient of the radiating plate at ΔtMC = 15 °С, W/(m2·°С)

Coating Number of used radiant plate surfaces Night Day

Without selective 
coating

1 (lower only) 15.6 (scenario 1) min 6.0 max 10.2

2 (lower and upper) 19.0 (scenario 2) min 8.5 (scenario 0) max 14.2 (scenario 3)

With selective 
coating

1 (lower only) 11.0 (scenario 4) 11.0 (scenario 4)

2 (lower and upper) 14.5 (scenario 5) 14.5 (scenario 5)
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5. 1. 5. Angle of coverage of the radiating surface
Fig. 9 shows the result of calculating the angle of coverage 

of the radiating surface of the capillary tube according to (16).
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Fig. 9. The minimum value of the angle of coverage of 	

the radiating surface depending on the heat flux removed 	
from 1 m2 of the MC radiating surface at different values of 

the allowable temperature change Δt2: a – when the gap is filled 
with air; b – when the gap is filled with thermal paste KPT-8

If the gap is filled with air, it creates a large thermal re-
sistance. Because of this, for transmission of 250 W/m2, the  
angle of coverage must be 240° even at Δt2 = 3.0 °С. When 
using thermal paste, the wrap angle can be 25° with a tem-
perature change of 0.75 °C.

5. 1. 6. Theoretical heat transfer coefficient of the mini
channel condenser

The MC heat transfer coefficient kMC was calculated 
using (18), (17) based on the data in Tables 3, 4. The calcula-
tion results are presented in Table 5.

Table 5

Theoretical heat transfer coefficient MC (W·m–2·°С–1)

Coating
Number of used ra-
diant plate surfaces

Night Day

without selec-
tive coating

1 (lower only) 14.6 min 5.91 max 9.8

2 (lower and upper) 17.62 min 8.21 max 13.4

with selective 
coating

1 (lower only) 10.5 10.5

2 (lower and upper) 13.7 13.7

Note: 1 – in the absence of radiative heat transfer and wind; 2 – low  
air humidity and no clouds

Thus, the heat transfer coefficient, taking into account radia
tive cooling in the daytime, had a heat transfer coefficient from 
9.8 to 13.7 W·m–2·°С–1. At night, theoretically, it increased to 
17.6 W·m–2·°С–1. The values obtained are valid at air tempera-
tures from +5 to +35 °С, in the absence of precipitation and 
wind, and the temperature difference ΔtMC is more than 10 °С.

5. 2. Experimental studies of the heat transfer coeffi-
cient of a minichannel condenser

In November 2022, a series of experimental studies were 
carried out aimed at determining the heat transfer coefficient 
of the minichannel condenser design. The experiments were 
carried out in the daytime and at night under various weath-
er conditions (Tables 6–9).

The TEH supply voltage was not regulated. However, 
due to the increase in the city power supply voltage from 
230 to 240 V, the TEH supply voltage increased from 93 to  
97 V at night.

During the daytime, the heat transfer coefficient MC 
varied from 11.0 ± 1.5 to 13.7 ± 1.8 W·m–2·°С–1 depending on 
the environmental conditions without taking into account 
experiments when it was raining.

Table 4
The main parameters of the minichannel condenser

Parameter Designation Unit Value

Tube pitch wp m 0.04

Inner diameter of capillary tube dP.IN mm 0.65

Outer diameter of capillary tube dP.OUT mm 1.9

Radiating plate thickness ΔPL mm 0.32

Heat transfer coefficient from refrigerant αR W·m–2·°С–1 16275

Coverage angle of the radiating surface γ ° 27

Refrigerant mass per 1 m2 of radiating surface at 
tc = +45 °С according to formula (27)

R134a

mR.f kg/m2

0.035

R404a 0.032

R410a 0.032

Mass of 1 m2 of radiating surface according to (24) – kg/m2 1.38
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Table 6
Average temperatures in the experimental stand in the daytime

No. Date Time
Temperature, °С

t0 tC t1 t2 t2S t3S t3 tIN tOUT tL

1 07.11 12:00–13:00 –22.1 24.6 –14.8 49.5 39.1 20.4 21.4 23.5 8.3 20.0
2 07.11 13:00–14:00 –20.3 24.9 –12.6 57 28.9 21.6 22.1 22.5 9.3 32.1
3 08.11 13:00–14:00 –20.3 19.7 –14.5 52.4 41.2 18.7 20.2 23.4 5.8 21.4
4 08.11 14:00–15:00 –20.3 20.3 –12.8 55.3 28.4 17.4 19.2 22.6 5.1 30.8
5 09.11 11:00–12:00 –22.2 24.4 –14.1 50.4 40.1 20.0 21.4 23.0 3.9 19.1
6 09.11 13:00–14:00 –20.3 23.9 –12.7 54.0 25.8 19.7 20.7 20.9 3.8 26.7
7 10.11 12:00–13:00 –22.1 22.3 –15.7 44.4 35.7 18.6 19.2 21.2 3.9 19.6
8 10.11 13:00–14:00 –20.3 21.7 –12.8 52.8 25.5 18.1 18.9 19.9 4.9 27.0
9 14.11 10:00–11:00 –20.3 24.2 –15.0 45.7 36.9 20.0 20.5 22.2 6.6 17.0

10 14.11 11:00–12:00 –20.3 23.8 –13.4 53.5 27.1 19.4 20.5 22.3 7.7 31.9

Table 7
Average values of the parameters in the experimental stand in the daytime at supply voltage UTEH = 93 V 	

and TEH power QTEH = 350 W

No. Cloudiness CL, % Precipitation Pump Q0, W QMC, W ΔtMC, °С kMC, W·m–2·°С–1

1 0 no off 364.4 447.8 16.3 13.7
2 0 no on 363.6 418.3 15.5 13.5
3 100 rain off 364.7 452.8 13.9 16.3
4 100 rain on 364.0 424.8 15.2 14.1
5 100 no (snow on MC) off 364.1 449.2 20.5 11.0
6 100 no (snow on MC) on 363.2 412.7 20.0 10.3
7 0 no off 363.9 424.8 18.4 12.0
8 0 no on 362.9 413.2 16.9 12.3
9 0 no off 363.6 441.3 17.7 12.5

10 0 no on 363.6 417.5 16.2 12.9

Table 8
Average temperatures in the experimental stand at night

No. Date Time
Temperature, °С

t0 tC t1 t2 t2S t3S t3 tIN tOUT tL

1 10.11 22:00–23:00 –22,1 19.9 –11.7 45.5 25.1 17.8 18.1 19.0 0.9 28.6
2 11.11 4:00–5:00 –23.1 18.8 –13.1 46.4 26.0 17.0 17.6 19.2 –1.4 30.1
3 14.11 22:00–23:00 –22.1 24.7 –13.1 47.8 38.6 19.9 21.1 23.6 5.7 18.0
4 15.11 4:00–5:00 –22.1 24.2 –13.1 48.3 39.1 20.2 21.2 23.6 2.4 18.0
5 15.11 22.00–23.00 –22.2 19.8 –13.1 46.3 37.3 17.2 17.8 22.7 3.1 18.4
6 16.11 4:00–5:00 –24.0 14.5 –13.2 44.6 35.9 13.5 15.1 22.3 1.7 17.9
7 21.11 22:00–23:00 –20.9 21.4 –13.0 47.6 38.5 18.2 19.5 23.7 6.1 18.9
8 22.11 4:00–5:00 –18.6 27.9 –12.4 49.6 40.3 22.1 23.1 23.7 8.2 18.9
9 22.11 22:00–23:00 –22.1 19.9 –14.3 46.7 38.0 17.2 18.4 23.8 5.0 19.1

10 23.11 22:00–23:00 –21.1 17.5 –13.4 46.4 37.4 15.5 16.5 23.2 3.3 18.8
11 23.11 22:00–23:00 –22.4 19.4 –15.6 46.0 36.7 17.4 17.9 23.0 3.9 18.3
12 24.11 22:00–23:00 –20.5 21.0 –11.6 47.2 38.1 18.4 19.3 23.6 1.9 18.5

Table 9
Average values of parameters in the experimental stand at night at supply voltage UTEH = 97 V 	

and THE power QTEH = 382 W

No. Cloudiness CL, % Precipitation Pump Q0, W QMC, W ΔtMC, °С kMC, W·m–2·°С–1

1 0 no on 395.2 445.8 19.0 11.7
2 0 no on 395.5 452.5 20.1 11.2
3 100 no off 396.6 482.0 19.0 12.7
4 75 no off 396.6 483.2 21.9 11.1
5 100 no off 396.4 479.0 16.7 14.3
6 100 rain off 396.8 478.9 12.8 18.7
7 100 rain off 396.3 484.0 15.4 15.8
8 100 no off 395.3 482.5 19.8 12.3
9 100 rain off 396.7 485.8 14.9 16.3

10 100 rain off 396.2 482.4 14.1 17.1
11 100 rain off 396.5 483.6 15.6 15.6
12 100 fog off 396.1 479.5 19.0 12.6
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The minimum daytime heat transfer coefficient values were 
obtained in experiments 5 and 6 when the MC was covered with 
snow. The maximum values of the heat transfer coefficient were 
obtained in experiments 3 and 4 when it was raining. At night, 
excluding periods when it was raining, the MC heat transfer 
coefficient varied from 11.1 ± 1.5 to 12.7 ± 1.7 W·m–2·°С–1.

Comparison of the results of experiments with the pump P  
on and off showed the following. When the pump was swit
ched on, the temperature of the refrigerant vapor entering the 
MC decreased to 25...28 °С. The MC heat transfer coefficient 
decreased by no more than 15.6 % when the MC was covered 
with snow. In other cases, the decrease in the heat transfer 
coefficient did not exceed 6.8 %. Thus, it can be assumed that 
the actual steam temperature at the MC inlet can be neglec
ted when calculating the heat transfer coefficient.

On the afternoon of November 17, 2022, an experiment 
was conducted to determine the possibility of snow thawing 
from the surface of the MC. It was snowing in the morning on 
that date. The experimental stand was turned off. As a result, 
a layer of snow 6 cm thick accumulated on the surface of the 
minichannel condenser (Fig. 10).

It took about 3.5 hours of compressor work to remove all 
the snow. The uniformity of snow melting across the width 
of the radiator confirmed that the refrigerant was evenly 
distributed over all capillary tubes.

5. 3. Comparison of characteristics of mini-channel con-
denser and air-cooled condensers

The characteristics of conventional air-cooled conden
sers (ACC) of finned tube design were considered using the 
example of Guentner GCHC heat exchangers (Germany). 
The ACC technical characteristics are obtained from the 
GPC EU 2020 program (version 2020.19-225 c).

If the temperature difference on the condenser (the dif-
ference between the condensing temperature and the ambient  
air temperature) is 15 °С, at an ambient air temperature in 
the range of +20...+30 °С:

– the ACC average heat transfer coefficient (calculated on 
the basis of the temperature difference between the conden-

sation temperature and the atmospheric air temperature) –  
16.0…20.4 W/(m2·°С);

– thermal power transferred due to the consumption of 
1 W of electric power by the fans: 54.0…104.4 W/W.

By dividing the ACC total mass (taking into account the 
mass of the heat exchanger, electric motors, fans, housing) 
by the area of its AACC heat exchange surface, let’s obtain the 
specific mass of 1 m2 of the heat exchange surface. For ACC, 
the specific gravity mACC was 0.95…1.77 kg/m2.

For ACC, 0.044...0.047 kg of refrigerant is required per 
1 m2 of heat exchange surface.

Further, the ACC characteristics of a mini-channel design 
are determined using the Danfoss MCHE D1000-C heat ex-
changer as an example and information from [16]:

– average heat transfer coefficient – 25…60 W/(m2·°С);
– thermal power transferred due to consumption of 1 W 

electric power by fans: 33…68 W/W;
– weight of 1 m2 of heat exchange surface 0.63…1.3 kg/m2.
Comparison of MC with finned-tube ACC with forced 

air circulation showed the following (Table 10). At a tem-
perature difference of 15 °C, no less than 210 W of heat 
was removed from 1 m2 of the MC radiating surface under 
the experimental conditions. Under the same conditions, 
255.0 W was removed from 1 m2 of the heat exchange sur-
face of the finned-tube ACC. 

Thus, to replace 1 m2 of the 
heat exchange surface of a finned-
tube ACC during round-the-clock 
operation, 1.21 m2 of the MC radiat
ing surface is required. The MC 
mass will be 1.58 kg. The mass of 
a finned-tube ACC with forced air 
circulation with a similar output 
power is 0.95...1.77 kg. Thus, in 
some cases, when replacing rib-
tube ACCs with MCs, the material  
consumption will not increase. This 
estimate does not include the mass 
of structures on which the MC will  
be attached.

The mass of ordinary microchannel air-cooled condensers 
is 4 times less than that of MC.

The amount of refrigerant charged to the MC radiator 
was about the same as the amount of refrigerant charged to 
the finned tube ACC.

The proposed MC design is extremely close in its charac-
teristics to the design of air-cooled condensers with natural 
air circulation. The total heat transfer coefficients obtained 
in this study from the surface of a minichannel condenser 
are consistent with the data for air-cooled condensers [26]. 
The total heat transfer coefficient MC of the proposed de-
sign in the limiting case at night could theoretically reach 
17.6 W·m–2·°С–1 at a temperature difference of 15 °С. 

 
                  a                                 b                             c

Fig. 10. Mini-channel condenser defrost (time since start of defrost in hh:mm format)

Table 10
Comparison of MC and ACC with forced air circulation

Heat exchanger
Minichannel  

condenser RС
Finned-tube ACC with forced  

air circulation
Microchannel condenser with forced  

air circulation

Removable thermal power, W 1000 1000 1000

Heat exchange surface area, m2 4.76 3.84 –

Weight, kg 6.6 3.6…6.8 0.5…1.5

Power consumption, W 0 9.6…18.5 14…30
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However, for traditional condensers with natural air circu-
lation that do not use night radiative cooling, the heat transfer 
coefficient in [27] is stated at the level of 18.7 W·m–2·°С–1 
at a temperature difference on the condenser of about 25 °С. 
Thus, the heat transfer coefficient MC is comparable to the 
ACC heat transfer coefficient with natural air circulation.  
At the same time, such a high heat transfer coefficient for ACC 
was apparently achieved due to an increase in the temperature 
difference. The MC design proposed in this paper theoreti-
cally makes it possible to obtain a comparable heat transfer 
coefficient at night at temperature differences of no more than 
10–15 °С (see the SUM2 curve in Fig. 6, b).

6. Discussion of the results of the study  
of a minichannel capacitor

The obtained experimental data on the heat transfer coeffi-
cients MC are consistent with the results of theoretical calcu-
lations. At the same time, during the daytime, the experimental 
heat transfer coefficient (12.9 ± 1.7 W·m–2·°С–1) approaches 
the maximum possible theoretical value (13.4 W·m–2·°С–1).

At night, the experimental heat transfer coefficient was 
practically the same as in the daytime. Those. no increase in 
the heat flux due to radiative cooling was observed in the ex-
periments. Apparently, this is due to the fact that in the cold 
season, the removal of heat in the form of infrared radiation 
is hindered by fog, smog and high cloudiness.

The increase in thermal power transferred to the MC 
at night due to the increase in the power supply voltage 
has led to an increase in temperature difference. However, 
this did not cause a measurable increase in the heat transfer 
coefficient, which is consistent with the behavior of the heat 
transfer coefficient αSUM1 in Fig. 6, b.

On nights with high cloudiness, the heat transfer coeffi-
cient MC was about 12.0 W·m–2·°С–1. At the same time, ac-
cording to the theory, the heat transfer coefficient could reach 
14.3 W·m–2·°С–1 (approximately 19 % higher). This discrepan-
cy can be explained by the imperfection of the MC manufactur-
ing technology, due to which the capillary tubes did not always 
form a sufficiently tight contact with the radiating plate.

The paper [13] presents data on heat removal due to con-
vection and radiative cooling from a radiating plate, the heat 
to which is supplied by a heat tube. This design diverted at 
night from 125 to 250 W/m2 at a temperature difference of 
10 to 18 °С and an ambient air temperature of about +4 °С. 
The heat transfer coefficient related to the area of the radiat
ing surface was 12.5…13.8 W/m2. Thus, the minichannel 
condenser proposed in this study removed a comparable 
amount of heat (222…242 W/m2). The obtained values are 
apparently limited by the parameters of heat transfer from 
the radiating surface and in this case do not depend on the 
method of circulation of the refrigerant.

With a temperature difference in the MC at the level of 
15 °С, the heat flux through the radiating surface of the MC 
was significantly greater than the heat flux of the radiator filled 
with coolant. Thus, in the review [28] it is shown that traditio
nal liquid-cooled radiators remove only 30…85 W/m2. In [29], 
a radiator with a selective coating removed 125 ± 10 W/m2 at 
night. The direct refrigerant supply can increase the heat flux 
by at least 1.7 times even when using only the upper side of 
the radiant plate without a selective coating.

The investigated MC produced cooling both during the 
day and at night. According to Table 7, in experiment 5, snow 

caused a decrease in the heat transfer coefficient by 25 % com-
pared to experiments 7 and 9. Rain in experiment 3 increased 
the heat transfer coefficient by 20 %. Thus, the proposed 
scheme can be considered resistant to the influence of adverse 
environmental conditions.

It has been experimentally shown that snow could be 
removed from the radiating surface only due to the heat 
supplied by the coolant. The use of a thin radiating plate and 
small diameter refrigerant channels has made the MC struc-
ture easily deformed. Therefore, it is possible to cover various 
curved surfaces with them. The construction, made of small 
diameter copper tubes, withstands relatively high pressures. 
Accordingly, the MC can be charged with refrigerants such  
as R290, R410a, R32a or even R744.

The proposed MC design has a relatively high flow resis-
tance to refrigerant flow and is not intended for use in natural 
circulation refrigeration systems.

Unlike traditional air conditioners, the proposed design 
of MC requires a large free area, which makes it impossible 
to use them if there are restrictions on the space occupied by 
the refrigeration system.

Experiments have shown that MC, protected from direct 
sunlight, can produce cooling both during the day and at night, 
even if its surface does not have a selective coating. According-
ly, the use of a selective coating of the radiating surface in this 
case is not a mandatory condition. However, MC with a selec-
tive coating does not require protection from direct sunlight.

MC can be used in stationary chillers where the condens-
ing heat dissipated does not exceed a few kW. For example, 
they can be used in data center refrigeration systems, super-
market refrigeration, or chillers for small cold rooms, or small 
air conditioning systems (rooftops).

The theoretical calculation of the heat transfer coefficient 
did not take into account the effect of wind speed. The experi
mentally studied MC had a coating with uncertain optical 
properties. They should be explored in more detail in the future.

In this work, the infrared radiation flux was not measured. 
For a better understanding of the factors affecting the heat trans-
fer of the radiating surface in winter, additional experimental 
studies using a pergeometer should be carried out. It is also pos-
sible to study the work of the MC in the summer. After that, the 
energy efficiency of the operation of refrigeration machines using 
the proposed minichannel condenser should be investigated.

7. Conclusions

1. Techniques have been developed to calculate the de-
sign parameters of the MC and its heat transfer coefficient. 
Calculations have shown that the thickness of the radiating 
aluminum plate can be reduced to 0.3 mm by reducing the 
distance between the tubes to 40 mm. At the same time, the 
mass of MC is reduced to 1.38 kg/m2.

2. The conducted experiments showed that the heat trans-
fer coefficient of a mini-channel condenser in winter at an 
air temperature of –2 to +9 °С changed from 10.0 ± 1.3 to 
18.7 ± 2.5 W·m–2·°С–1 depending on the time of day and en-
vironmental conditions at a temperature difference from 12 
to 20 °С. The heat flux was not less than 210 ± 7.2 W/m2.  
It exceeds at least 1.7 times the heat flow in the radiator for 
cooling the liquid coolant. The proposed MC design remained 
operational at high humidity, high cloudiness, in the presence of 
precipitation in the form of rain and snow. At night, there was 
no significant increase in the heat flux due to radiative cooling.  



Eastern-European Journal of Enterprise Technologies ISSN 1729-3774	 1/8 ( 121 ) 2023

20

This is mainly due to the fact that during the considered period 
of the year, weather conditions (namely, a constant high level 
of cloudiness, fog and smog) prevented radiative cooling. Also, 
the proposed design is operable in the daytime, even in the ab-
sence of a selective coating of the radiating surface.

3. The area of the MC radiating surface should be 21 % 
larger than the area of the heat exchange surface of the 
finned-tube design with forced air circulation. The use of 
MC completely eliminates the consumption of electricity to 
remove the heat of condensation.
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